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HIGHLIGHTS
 Air-cooling and seawater-cooling approaches are compared for marine ORC units.  While navigating in the Arctic at least 471 t of CO 2 are reduced using an ORC unit.  Air-cooled and seawater-cooled ORC units offer regulatory compliance to the vessel.  Seawater is the preferable cooling fluid when maximum CO 2 
INTRODUCTION
In the last decades, the ice coverage in the Arctic has been constantly declining. During the period between 1981 and 2010, an average decline of 4.9% in ice coverage has been observed in each decade [1] . This has opened the door for shorter shipping routes via the Arctic [2] [3] [4] . For example, the Rotterdam-Yokohama route through the Suez Canal is about 20,600 km, while the same route via the Arctic is only around 8,500 km [5] . Winther et al. [3] predicted that the shipping activities above the 59˚N latitude will grow from 133.5 million km in 2012 to 208.7 million km by the year 2050, an increase of more than 55%. The largest increase in the same time frame is for container ships at around more than 300%, increasing from 6.8 million km to around 28.5 million km. Furthermore, Smith et al. [6] state that in order to avoid a global mean temperature rise of 2˚C before 2100, the shipping industry needs to half its 2012 operational CO 2 emissions by 2050 and achieve zero emissions or neutrality in the year 2080. The shipping industry, in order to comply with this aggressive aim, is required to develop green and energy efficiency technologies and strategies, such as waste heat recovery systems (WHRS).
The largest source of waste heat from a ship's main engine is found in the exhaust gases, but the ambient air's low temperature in the northern region translates into a larger ship heat demand to ensure satisfactory operation of equipment and machinery (e.g. main engine lubricating oil should not be below the minimum temperature recommended by manufacturer) [7] . Depending on the type of ship and its size, the heating requirement is fully or partially covered by a waste heat boiler (WHB) using the exhaust gas waste heat and hence, in some cases, it is not feasible to use this heat source for other purposes [8] . Súarez de la Fuente [9] showed that for a large container ship the available waste heat in the exhaust gas would not be enough to cover the heating demand when the ambient air temperature is below 3°C. Another source of heat waste is found in the scavenge air after compression which represents around 15% of the fuel energy used [10, 11] . The low temperature of the scavenge air, between 130˚C and 150˚C [12] , is not attractive for power generation using the traditional water-based Rankine cycle units [13, 14] . Organic Rankine cycle (ORC) technology presents a viable option to exploit scavenge air waste heat on board for power generation [15, 16] , but the behaviour of ORC WHRS in Arctic routes has not been studied in the existing literature.
The annual average temperatures in the Arctic is much lower than those in other oceans; from a thermodynamic cycle point of view this is an area of opportunity since the WHRS thermal efficiency increases due to a lower average temperature of heat rejection (see the Carnot efficiency [17] ).
Stanzel et al. [18] explored the use of an extra radiator for a heavy-duty truck air-cooled ORC unit to lower the unit's sink temperature. They found an increase in the ORC unit power return when using the extra radiator of about 2% and 25% at low and high-loads respectively, giving a fuel consumption improvement of about 0.6 percentage points. Alternatively, by increasing the pinch point temperature difference between the working and cooling fluids while keeping the working fluid condensation pressure, the temperature rise of the cooling fluid may be increased and the hence mass flow rate of the cooling fluid may be reduced, causing a reduction in pump/fan power consumption. Seawater (SW) can be as cold as -2˚C [19] while ambient air can reach -37˚C [20, 21] . The annual average air temperature can be as low as -12.0˚C 1 in navigable waters. The cold air opens an interesting area of research in relation to marine WHRS which is the use of an air condenser unit 2 instead of the typical seawater condenser unit. In a land-based system some of the strengths of air-cooled condenser units are its low cost and reduction in water requirement [22, 23] . For the ship case in the Arctic using air as a coolant, in addition to the aforementioned performance benefits, the effects of seawater bio-fouling may be eliminated and, depending on the location of the heat exchanger, requiring less corrosionresistant materials since seawater is not directly in contact with the heat exchanger material [24, 25] .
On the other hand, due to air's lower heat transfer coefficient and specific heat, there will be a need for larger heat transfer areas and volumetric flows in order to accomplish the cooler's heat rejection [26] .
Zahi and Rubin [27] found that to achieve a 550 MW net power output for a pulverized coal power plant cooled by water the plant needs to produce a gross output of 593 MW while when using air cooling this increases to 601 MW. The power difference is due the greater auxiliary power required by for fans in air cooled plant compared to the pumps in the water cooled plant. Habl et al. [28] explored the differences of air and water as coolant for a 50 MW solar power plant located at the south of Spain and found that by using air the electricity cost increased by around 5%. He et al. [29] compared three different methods to reject excess heat from a particular cooling tower located in Australia for temperatures up to 35°C: Natural dry-air draft, pre-cooled natural dry-air draft and natural wet-air draft. It was found that the natural wet-air draft approach was capable of rejecting up 3 times more heat than the dry-air approach, but at the expense of high usage of water.
Bustamante et al. [26] recognise that by using air-cooled condenser units on a 500 MW power plant there will be a penalty between 5% and 10% in plant-level efficiency due to the extra auxiliary power required. In addition, they explored new heat transfer enhancement techniques, such as winglet vortex generators and passive chaotic mixing, to match the performance of water-cooled condenser units. Usman et al. [30] studied the performance change of a geothermal-powered ORC unit cooled either by air or cooling tower for different locations and seasons of the year. They found that the better cooling strategy for an ORC unit in a hot and dry climate is the cooling tower due to its higher net power output -around 16% -while air is a more attractive solution for colder regions due to a reduction in the power consumption of the condenser.
The aim of this paper is to find the most suitable combination of working and cooling fluids for a marine ORC unit using the available waste heat in the scavenge air system of a container ship navigating in the southern region of the Arctic Circle. The objective is to reduce the ship's operational annual CO 2 emissions while achieving energy efficiency design index regulation compliance. A twostep single-objective optimisation of different marine ORC WHRS and their condenser units is undertaken in order to observe their performance and environmental impact on board a ship capable of carrying 4,130 twenty-foot containers (TEU). This is the first paper addressing the use of air as cooling fluid in a marine ORC-based WHRS. The paper contributes to a highly relevant, previously unexplored area in marine engineering by studying the performance of marine WHRS in extremely cold weather and how these systems can reduce CO 2 emissions in delicate cold regions such as the Arctic.
The paper explains in section 2 the features of the system and the case study used. Section 3 outlines the methods used and section 4 goes on to compare the different working and cooling fluids combinations and then discusses their impacts on ship performance and the environment. Section 5 outlines the main conclusions.
SHIP SYSTEM DESCRIPTION
THE SHIP AND THE ARCTIC ROUTE
This paper studies the effects of the Arctic temperature in a marine WHRS on board a container ship navigating between Reykjavik, Iceland and the port of Ballstad in Norway as indicated in Figure 1 .
The region studied has latitude that goes from 62.5˚N to 67.5˚N and longitude from 22.5˚E to 12.5˚E
with its respective annual average temperature profile for air ( Figure 2 ) and seawater ( Figure 3 ) taken from CRUTEM4 and HadSST2 data sets [19] [20] [21] . The route is 1,980 km and chosen due to its low temperatures, the fact that it is open for navigation the whole year, and finally because of data availability from commercial shipping which can bring a more realistic scenario. A hypothetical container ship is selected for the case study. The ship can carry 4,130 TEU with a design speed of 23.3 knots (12.0 m/s) and a maximum speed of 25.2 knots (13.0 m/s) [32, 33] . The operational profile for the container ship is shown in Figure 4 and was obtained using anonymised Automatic Identification System data from containerships navigating in the Arctic Ocean in the year loaded. The rest of the time is spent loading/unloading containers or in maintenance. Considering this operating profile, a single trip will take about 55 hours which means that the ship will be able to complete 104 single trips each year. It is assumed that the ship will have an operational life of 20 years. The ship's power-speed characteristics was obtained using data from Table 1 and Holtrop and Mennen resistance model [35] with corrections in Holtrop [36] . The ship's operational profile and route are integrated in a single function which assigns the proportional time of each speed seen in Figure 4 to a single voyage. Since the ship will be navigating within the limits of the Arctic Circle, where the ambient temperatures are not lower than -15˚C, its winterisation level would be basic according to Det Norske Veritas (DNV)
AS [37] . [38] . b Ratio of ship's underwater volume to the product of the area at the midship section and length [38] . 
MAIN ENGINE
The ship is powered by a two-stroke slow speed diesel engine using Heavy Fuel Oil (HFO). The engine is capable of delivering a maximum of 41,125 kW with specific fuel oil consumption (SFOC) of 163 g/kWh [39] .
The design point -design speed -is set at 75% Maximum Continuous Rating (MCR) with a power output of 30,840 kW with SFOC of 159 g/kWh. The waste heat availability and temperature from the scavenge air increases almost linearly with the change of engine loading (see Figure 5 ). When fixing the engine's loading, it is seen from manufacturer's data (MAN Diesel and Turbo [39] ) that there is a 4 kW decrease per degree Celsius in the scavenge air waste heat availability when the ambient air temperature increases from 10°C to 45°C. 
WASTE HEAT RECOVERY SYSTEM
The location of the waste heat recovery system is shown in Figure 6 . Cold air enters the compressor of the turbocharger which increases its pressure but also its temperature which in turn reduces air density. In order to allow for a larger mass of air into the engine's cylinders, the air's temperature is reduced using a heat exchanger, commonly known as intercooler or aftercooler [42] , effectively increasing the charged air density. In this work it is proposed that the compressed air temperature is cooled via the WHRS boiler before it enters the main engine. The power produced by the WHRS is delivered to the main engine's shaft reducing the engine's fuel consumption and hence CO 2 emissions. The pressure losses due to the WHRS boiler are assumed to be the same as with a typical scavenge air heat exchanger. Pressure drops in the scavenge air are normally small, in the range of 1.0 Pa to 3.5 Pa [43] which has a small influence on the main engine performance and hence can be omitted [44] . It is also assumed that there will be an auxiliary heat exchanger after the WHRS which will cool the compressed air when the WHRS is off-line (e.g. at slow speeds). The waste heat boiler (WHB) exploits the exhaust gas waste heat and contributes to maintaining operational temperatures for machinery and other equipment throughout the ship when in cold climates [7] . The WHB would be in competition for a WHRS located on the exhaust side of the main engine.
The study of how the main engine performance is affected by colder temperatures, as well as the design and behaviour of the compressor at different engine loadings and air temperatures and the design of the auxiliary heat exchanger are outside of the scope of this paper. Similarly, the design of the WHB and impact of using a WHB is beyond the scope of this paper, a detailed study of the usage of WHB on board a container ship can be found in [9] .
The working fluids studied are R1233zd(E), R236fa, R236ea and R245fa (see Table 2 for their properties and classification group). These four organic fluids were selected because they can operate under the waste heat scavenge air temperature profile shown in Figure 5 a R1233zdE: [47] ; R236ea, R236fa and R245fa: [48] .
b R1233zdE: [49] ; R236ea and R236fa: [50] ; R245fa: [51] .
c R1233zdE: [49] ; R236ea: [52] ; R236fa: [53] ; R245fa: [54] .
d R1233zdE: [55] ; R245fa: [54] .
e R1233zd(E): [56] ; R236fa: [57] ; R245fa: [54] .
f R1233zdE: [55] ; R236ea and R245fa: [45] ; R236fa: [58] .
g Taken from: [59] .
* Auto-ignition tests are not applicable for these fluids since the vendors consider them as gases, hence ISO 2719 and ASTM D1310 does not apply.
Organization ( 3. METHODS Figure 7 shows the ORC unit layout which is suitable for low quality heat sources, such as that found in the scavenge air system [45] . The usage of a recuperator for the working fluid's flow after the expander and pump brings little benefit due to the low temperatures at the exit of the expander while increasing the volume and cost of the ORC unit. As mentioned in section 2.3 the WHRS boiler is used to cool the engine's charge air. Referring to Figure 7 and the WHRS is operating at the design point, the hot and high pressure air enters the WHRS once-through boiler where the excess heat is transferred to the working fluid (4-1), increasing its temperature. The waste heat absorbed by the ORC unit ( ) was calculated as follows:
MODELLING THE WASTE HEAT RECOVERY SYSTEM
Where is the mass flow rate ( ), BP is the scavenge air mass bypass percentage to the auxiliary air cooler, c p,WH is the scavenge air specific heat, T i and T o are the scavenge air inlet and outlet temperature respectively. The at the different operating points were taken from [39] , while T o , BP and the design point for the ORC unit were chosen by the optimisation process. Table 3 presents the operating parameters for the ORC unit of which they are fixed or are chosen by the optimisation process.
The specific enthalpy of the working fluid after the boiler (h 1 ) was found using the superheating temperature and working fluid pressure after the boiler (P 1 ) which were selected by the optimisation process. The saturation temperature at low pressure -point 3 -was fixed at 25°C. The advantage of fixing the saturation temperature is that it allows the WHRS to operate up to ambient temperaturesseawater or air -close to 20°C when considering the 5°C minimum pinch point temperature difference. Also this saturation temperature constraint reduces the power consumption due to the larger pinch point temperature difference which allows for lower coolant mass flow rates. On the other hand, there is a cost to the expander's work output since it operates at a pressure which is not as low as it would otherwise be, this in turn reduces the pressure/enthalpy drop of the expansion process.
With the assumption it is possible to find P 3 and the working fluid's saturation specific enthalpy (which under the assumption is also h 3 ). The isentropic efficiency of the pump ( ) was used to find the working fluid specific enthalpy after the pump (h 4 ):
Where h 4s is the specific enthalpy after the pump assuming an isentropic increase of pressure from P 3 to P 4 (i.e. P 1 ). By using the available waste heat going through the WHRS boiler, it was possible to find the working fluid's mass flow rate ( ):
After the heat exchange process in the boiler the high pressure and temperature working fluid enters the turbine (1) and expands, providing mechanical power. The specific enthalpy after expansion (h 2 )
can be found using the definition of the isentropic efficiency of the expander:
Where is the expander's isentropic efficiency, h 2s is the specific enthalpy after an isentropic expansion process with a change of pressure from P 1 to P 2 . Then the power produced by the expander ( ) was given by:
The condenser unit (2-3) then condenses the working fluid at constant pressure by rejecting heat to the sink, having at the end of the process a saturated liquid. The total heat rejected to the sink ( ) is calculated as follows:
In order to fully comprehend the implications and differences between the two dissimilar cooling fluids, detailed models of the different condenser units are given in section 3.1.1. After the condenser unit, the working fluid's pressure is increased by the pump. The power consumed ( ) is given by:
Closing the ORC unit loop, the working fluid is sent back to the boiler (4). Since the independent variables of this work are selected by the optimisation process, it is required to perform energy and mass flow balances as well as temperature profiles to observe that the ORC unit complies with the First Law of Thermodynamics and heat transfer phenomena.
A detailed description of the WHRS thermodynamic model -points 1 to 4 in Figure 7 -is provided as in Larsen et al. [45] , Pierobon et al. [65] and Suárez de la Fuente & Greig [66] . The model was coded in Matlab ® 2015a and it was coupled with CoolProp 5.0 [67] for the working fluid equations of state.
CONDENSER UNIT
When using seawater as a coolant the great flexibility in design and operational conditions, and ease of maintenance makes shell and tube heat exchangers the preferred choice as the WHRS condenser unit [68] . Flow inside the tube is recommended for the most corrosive fluids, but is also recommended for liquids. The tube layout was assumed to be a rotated square -same pitch between adjacent tubes -which gives high heat transfer rates but with a larger pressure drop from the working fluid side [68] .
Due to the corrosive nature of seawater, the condenser unit would be constructed using stainless steel.
When using air as coolant a finned tube condenser unit was used. This type of heat exchanger offers higher heat transfer area densities -up to around 3,300 m 2 /m 3 -than a shell and tube heat exchanger, reducing the condenser unit's mass and volume [69] . The fins used were of circular construction with an annular layout on the tube (i.e. perpendicular to the tube surface) and were of the same material as the tubes. The maintenance on the finned side could become burdensome and it is recommended that the least corrosive fluid with the lowest tendency to foul flows in this section, which in this case is the air. This decision also made sense from the overall heat transfer coefficient (U) point of view since air is flowing in the section of the condenser unit that offers the largest contact area which is beneficial when having a low convective heat transfer coefficient (h*). The finned tube condenser unit was made of aluminium with five tube rows with a rotated square layout with a constant transverse pitch (p t ) of 83 mm [22] ; the working fluid flowing inside the tubes had a maximum speed of 15 m/s. The governing equation for the heat transfer across a surface using the condenser unit's desuperheating section (ds) shown in Figure 8 was given by: where is the heat rate, U is the overall heat transfer coefficient, A is the heat transfer area and F cf is the temperature correction factor which accounts for the deviation of the flow shape inside the condenser unit from an ideal counter current flow and was calculated using the correlations given in the different references found in Table 4 . The h 2a is the working fluid's specific enthalpy at its saturated vapour state when the pressure is P 3 . The ΔT lm is the logarithm mean temperature difference and was calculated for the counter flow desuperheater section as follows:
Where ΔT ap,H is the hot side approach temperature defined by the difference between the expander outlet temperature (T 2 ) and the outlet temperature of the cooling fluid (T S,o ). The pinch point temperature difference (ΔT pp,S ) is given by the difference between T sat (i.e. T 3 ) and the pinch point temperature (T pp,S ) found at point 2a.
The overall heat transfer coefficient, when seen from the outside of a finned tube in the desuperheating region was given as:
Where A T is the total heat transfer area in the desuperheating section which is built by the total fin's surface area (A f ) plus the tube's total free surface area (A t ). For the case of the shell and tube with bare tubes the terms A T and η f were removed from Equation ( and can be found in the references given in Table 4 . [69] Referring to Figure 9 , the power required to move the cooling fluid through the condenser unit ( ) can be calculated as follows:
Where h 0 is the specific enthalpy at the ambient conditions of the cooling fluid and h S,i is the specific enthalpy after the cooling fluid has passed through the fan or pump. To find the latter specific enthalpy, the same approach as the one described in equation (2) but using the isentropic efficiency for the air condenser unit fan ( ). The mass flow rate for the cooling fluid ( ) was as follows: A more detailed description of the equations used for the condenser units with their physical characteristics described can be found in Appendix A.
The net power output from the ORC unit ( ) using the available waste heat from the scavenge air at a particular operating condition was given by the next expression:
OFF-DESIGN OPERATION
As the ship navigates along its route during the year, there will be instances when it will operate at offdesign conditions. The seawater pump power change was related to the increase/decrease of the condenser unit duty but also to the seawater temperature over the months. In order to cope with these changes the seawater pump adapted its mass flow rate which affects its efficiency as given by Veres [77] . For the U values of both type of condenser units, the following expressions were used [78] :
Where M is the working fluid's mass flow rate ratio between the off-design and design condition. This same ratio was applied to the other WHRS heat exchangers.
SHIP PERFORMANCE
CARBON DIOXIDE REDUCTION
The benefit of using a WHRS on board can be measured in terms reduction in CO 2 emissions, (CS),
given in tonnes per hour from the main engine by its reduction in load. Carbon dioxide emissions are directly proportional to the fuel burn. The annual fuel savings (FS annual ) achieved by reducing the main engine load was given by:
Where MT refers to the monthly single trips done by the containership, OS are the number of operating speeds as shown in Figure 4 and OM is the number of months. The time, in hours, spent at each operating speed is represented by t while SFOC me refers to the main engine's fuel consumption in g/kWh. The relationship between fuel burn and CO 2 emissions was given by:
Where C F is the carbon conversion factor set at 3.1144 t CO 2 per t HFO [40] . The annual CO 2 savings were found by integrating the hourly carbon savings of each route segment in the year.
ENERGY EFFICIENCY DESIGN INDEX
The energy efficiency design index (EEDI) at the design condition can be found as follows:
Where CE represents the main engine carbon emissions which can be found using equations ( 16 ) and ( 17 ) but using the main engine power output instead of the WHRS. The transport work is represented by TW in deadweight tonnage per nautical mile, F i and F j are correction factors for capacity and power respectively taken from the guidelines for the calculation of the EEDI for new ships [40] . The 10 6 factor was used to correct the units from tonne to gram required by the EEDI formula. The EEDI for a ship is measured at 75% MCR of the main engine at the design condition, after the ship completes the certification procedure its EEDI value is effectively fixed for its entire life.
OPTIMISATION
The detailed designs of both the WHRS and condenser unit require a large number of variables to be explored with the aim of minimising the ship's annual CO 2 emissions. This very large dimensional search space requires an efficient optimisation approach which can return reliable data. The optimisation approach used is a two-step single objective: Particle Swarm Optimisation (PSWO) followed by Pattern Search Optimisation (PSO).
Kennedy and Eberhart [79] developed PSWO to describe the movements of a bird inside a flock. The PSWO begins with a random distributed population or particles -data points as the ones shown in Table 5 -and looks for the optimum result of each iteration by using gradients or derivatives. Pattern search optimisation is a simple derivative-free heuristic method which has the task of finding new directions in the search space to improve the objective. The PSO starts with a reference point in the search space and depends on two different move methods to look for a better objective: Exploratory and Pattern. In the Exploratory move, the optimisation searches for an improving direction by creating nodes at fixed distance from the reference point and evaluating the function on those new nodes.
Pattern has the task of improving the search time by increasing the distance to the reference point in the successful direction of the Exploratory move. Checks are added to the code which will verify that the solution is following the physical phenomena happening in a thermodynamic cycle (see Figure 10 ), for example acceptable pressure drop level inside the condenser unit. The optimisation process was run 240 times -30 times per working and cooling fluid combination -in order to have a wide range of different optimal WHRS designs which could explain how the operating conditions had an effect on the WHRS design and operation. Due to the large optimisation search space and the uniqueness of WHRS designs, a statistical analysis of the WHRS performance was done using a one-way analysis of variance (ANOVA). This model is suitable to analyse the mean difference -in this case the WHRS power output -between multiple groups at the same time. 
MODEL VALIDATION
The model developed here is unique in different aspects such as the coupled optimisation process, the number of optimisation variables, the detailed WHRS condenser unit analysis and the ship's route integrated with the speed profile. This uniqueness makes it difficult to compare it to other works. The WHRS thermodynamic model and seawater condenser unit were used in Larsen et al. [45] , Pierobon et al. [65] and Pierobon and Haglind [80] . In these works it was found that there was a 1% difference on the heat exchanger overall heat transfer coefficient when compared with a case outlined in
Richardson and Peacock [81] . The air condenser unit model was compared to the example found in The only statistically significant difference at the 95% confidence level -probability value 4 (p-value) lower than 0.05 -in the average power output at design speed when grouping by working fluids was found between WHRS using R236fa and WHRS using R1233zd(E) (see Table 6 ). Thus, the ORC using R236fa as working fluid performs differently than when using R1233zd(E), but when the analysis includes the other two working fluids there is not a significant difference between working fluids. The statistical results can be seen more graphically in Figure 11 , where it can be seen that there is no clear difference between populations of working fluids in either power output or power input. For the air case and looking at the power output, there is an overlap between 500 kW and 600 kW where it is possible to find both WHRS using R236fa and R1233zd(E), while for the case of seawater cooling the overlap happens between 650 kW and 770 kW. When looking only into the power input there is no clear difference between the working fluids. For air, the spread of power input for each working fluid is large at around 118.1 kW, while for seawater-cooled designs the spread is small with a maximum of 9.7 kW seen for R1233zd(E). When the power output is analysed by cooling fluid using a t-test 5 with assumed equal variances [83] , important differences between seawater and air cooled plant are observed. The seawater cases have a significantly larger mean power output at 722 kW with a standard deviation of 40 kW compared to air at 556 kW with a standard deviation of 69 kW.
The power variation due to cooling fluid can be explained due to the power cost of cooling the WHRS.
The highest WHRS power output using R236fa and seawater comes at 820 kW while for air it is 680 kW. The power difference is due to a higher waste heat absorption and pressure before entering the expander when using seawater as coolant which is controlled by the power cost of moving the coolant through the condenser unit. For the WHRS using seawater coolant the power input required for the WHRS excess heat is about 10% of the power required when cooling by air (i.e. 12 kW compared to 110 kW). The difference in power output due to working fluids is caused by the change in enthalpy at the expander and the amount of waste heat absorbed. In the case of the working fluid R1233zd(E) its largest enthalpy drop is 38.5 kJ/kg while for the working fluid R236fa is 30.1 kJ/kg, caused mainly due to a lower pressure after expansion for the former working fluid. Interestingly, R236fa achieves a larger power output than a WHRS using R1233zd(E) due to its larger heat absorption. This causes larger mass flow rates, 18.3 kg/s when using R236fa as working fluid and 14.7 kg/s when using R1233zd(E).
In Figure 12 it can be seen that the choice of working fluid has much less impact on performance than the choice of cooling fluid. In order to reduce the search space and to focus on a more detailed comparison of the two cooling fluids a single representative working fluid was utilised for the remainder of the analysis. Hydrochlorofluoroolefin (R1233zd(E)) was selected as it has a significantly lower global warming potential (GWP 100 ) than the alternatives (see Table 2 ) even though it does not offer the greatest power output of the four candidates. 5 A t-test is suitable for binary mean comparisons of small groups of data. 
WASTE HEAT RECOVERY SYSTEM POWER PRODUCTION AT DIFFERENT SPEEDS
The maximum power output achieved by the R1233zd(E) WHRS is when it is cooled by seawater and the ship's speed is between 100% and 105% of the design speed (see Figure 13 ) due to a higher waste heat temperature and availability -up to 14,340 kW [39] -which enhances the waste heat absorption by the ORC. Below these speeds, air-cooled WHRS have designs that match or achieve larger power outputs. At the lower end of the speed spectrum only the air-cooled designs can operate, however the useful power produced is low.
The ship operating profile is another important factor for annual CO 2 reduction. For example, at the 105% of the design speed the WHRS' largest power output for both cooling fluids is achieved. But this condition only represents 4% of the time the ship is operating. From Figure 4 , the ship will spend most of its time between 85% and 100% of its design speed and at these speeds there is a considerable power return which will be critical for CO 2 reductions. Below 85% of the design speed, some WHRS designs can operate but their power output is low, indicating that it would be better to switch-off the WHRS and use the available waste heat to support heating on board. Air's lower density and viscosity, when compared to seawater, results in condenser units which tend to have a much lower pressure drop than in the case of seawater (see Figure 14) . So, even though air condenser units have generally smaller pressure drops, it is the air condenser unit's large frontal area plus a high mass flow rate that gives a high energetic cost to the pressure change at the fan (see Equation ( A.7 )) and hence a high power input (see Figure 14) . Air-cooled WHRS exhibit the most extreme cases of power requirement with a maximum of 132 kW while for seawater-cooled designs is 17 kW. 
IMPACT ON THE ENERGY EFFICIENCY DESIGN INDEX
This section analyses how installing an ORC WHRS, depending on its working and cooling fluid, at the container ship's design stage could result in a reduced (better) EEDI. The ship's EEDI at design point when installing an ORC is measured at an ambient temperature where both cooling fluids have a temperature of 5.4˚C and compared to the base line value of 17.647 g CO 2 /t-nm with no ORC WHRS installed (see Figure 15 ).
The ORC designs cooled by seawater achieve the lowest EEDI at 17.336 g CO 2 /t-nm -a reduction of around 2.3% from the baseline value while the best air-cooled design achieves an EEDI of 17.446 g CO 2 /t-nm. Livanos et al. [84] found that a ferry using HFO could reduce its EEDI by around 4.6% when using a water-based RC extracting the waste heat from the exhaust gas. Theotokatos and
Livanos [85] found that a WHRS could reduce a bulk carrier EEDI from 5.11 g CO 2 /t-nm to 5.02 g CO 2 /t-nm, a reduction of around 1.8%. While the type of ship, engine power, operating conditions and WHRS designs are different in each study, the comparison suggests that the findings of the present study are similar to those of previous works. Under the current marine fuel price and regulations, achieving EEDI compliance could be one of the most common scenarios for a ship owner. Air-cooled designs show smaller reductions in the EEDI but following from the discussion at the end of the previous section, an air-cooled WHRS could be a more affordable option for the studied container ship to comply with the EEDI limit established.
ANNUAL CO 2 EMISSION REDUCTIONS
The analysis thus far has considered a single ambient temperature of 5.4°C for the ambient cooling fluids and a constant ship speed of 23.3 knots. To obtain the annual CO 2 emissions the variation of cold sink temperature over the year must be considered (see Figures Figure 2 and Figure 3 ) and the operating profile of the ship, (see Figure 4) . Figure 16 shows the average net power output change by month using January as the datum; a ship speed of 23.3 knots is used. It is clear that the air-cooled design is more sensitive to ambient temperature changes than the water-cooled design even when it is taken into account that sea temperature only varies by 5°C over a year and ambient air by 9°C.
At any given ship speed, due to the WHRS having a fixed saturated temperature after expansion (T 3 ), the changes in the net power production during the year are caused solely by the fan/pump power input which changes due to variation in the monthly temperature (see Figure 16 ). The air/seawater temperature increase causes a reduction in the cooling fluids' enthalpy change between the fan/pump exit and the condenser unit's pinch point, requiring larger mass flow rates to be able to reject the excess heat. In the case of air, the average fan power requirement goes from 12.0 kW in January (minimum power requirement) to 90.6 kW in September (maximum power requirement), an increment of 655%. In the case of seawater, the minimum power input from the seawater pump is in March at 10.2 kW, and the maximum in August at 22.7 kW which represents a change of 123%. Habl et al. [28] reported a drop of 5% in the net power generated from winter months to summer months in a power plant located in the south of Spain and cooled with air; this was due to an increase in fan power consumption of around 120% in the same period (i.e. from 1,250 kW to 2,750 kW).
As expected the monthly CO 2 savings (see Figure 17 ) follow the behaviour seen for the monthly net power output change and the inclusion of the operating profile has little impact as the ship spends the majority of its time either near its design speed or in port when the WHRS is not in use. On average, the R1233zd(E) WHRS when cooled by seawater can reduce CO 2 by 599 t annually while when cooled by air the annual reductions of CO 2 are 471 t. 
CONCLUSIONS
In this paper the performance of a marine ORC-based WHRS using air or seawater as cooling fluids and a selection of four working fluids were studied with the aim of taking advantage of the low air temperatures found above the Arctic Circle. This work calculated the power output of the WHRS, condenser characteristics, EEDI and annual CO 2 emission reductions when using the scavenge air waste heat coming from the engine of a 4,100 TEU container ship navigating in the Arctic waters.
A two-stage single objective approach was used for this work with the aim of finding within a very large variable space the most optimal WHRS under the ship's operating conditions. The optimisation approach was run for 240 times in order have a strong sample of optimum designs. From the different WHRS designs it was possible to distinguish that the four working fluids selected presented similar results with a much greater variation being demonstrated between the two cooling fluids. This presented an opportunity to significantly reduce the variable space by using a single working fluid for subsequent analysis. Hydrochlorofluoroolefin (R1233zd(E)) was selected, although not offering the greatest power output it has a significantly lower global warming potential than the three other candidates.
The results suggest that despite the ambient air temperature always being below the seawater temperature the more suitable cooling fluid is seawater. Air's low specific heat capacity requires large flow rates of the coolant and heat transfer area to absorb the excess heat from the marine WHRS.
This produces large condenser units (not necessarily an issue on a container ship) and high fan power requirement -a maximum of 132 kW. On the other hand, seawater designs had more compact condensers and a much lower maximum pump power requirement of 17 kW but have to interface with seawater which is corrosive. The optimisation process due to the high power input for air-condenser units select ORC systems that absorb less waste heat from the scavenge air and hence have a lower installed power -546 kW compared to 847 kW from the seawater-cooled WHRS.
In general, the high power output of seawater-cooled WHRS coupled with low seawater pump power consumption achieve the largest CO 2 emission reduction over the course of a year with an average saving of about 599 t while air-cooled ORC reduce the ship's CO 2 of about 471 t. The air-cooled WHRS is more sensitive to changes in ambient temperature than the seawater-cooled plant. On environmental regulations, all of the seawater-cooled and air-cooled WHRS achieve EEDI compliance for the 4,100 TEU container ship -under the 2015 EEDI maximum limit of 17.647 g CO 2 /t-nm -but the seawater-cooled designs achieved the lowest EEDI at 17.336 g CO 2 /t-nm.
The results indicate that the benefits of air's lower temperature compared to seawater in the southern regions of the Arctic are overshadowed by the air condenser unit power demands and sizing.
However, air-cooling may offer a lower maintenance and cheaper systems as it avoids contact with corrosive seawater. It could become more attractive for ships operating in high latitudes with colder air temperatures.
APPENDIX A A.1 SHELL AND TUBE HEAT EXCHANGER
This section will describe the model for a shell and tube heat exchanger. To find the convective heat transfer coefficients for the inside of the tube (h* ds,i ) the following equation was used [68] :
The variable µ t is the dynamic viscosity at the average tube's temperature between the inlet and outlet, while µ t,w is the dynamic viscosity at the wall temperature. The factor F ht,i represents the heat transfer correction factor from the tube side and was evaluated as shown in Sinnott [68] . given by Sinnott [68] , N t is the total number of tubes in the heat exchanger. The constants K and n were used to estimate the shell diameter and are dependent on pitch type, tube pitch (p t ) and number of tube passes. Values of K and n were taken from Sinnott [68] . The saturation section of the condenser has a different behaviour than a pure gas or liquid since it is a mixture of these two states.
The U inside the condenser's two-phase section for the working fluid was calculated as shown in Equation ( 10 ) The Nusselt number (Nu) was evaluated using the correlations given by Gnielinski [72] . Where v o is the speed of the fluid in the shell side, F f,o is the friction factor for the shell circuit and found in Sinnott [68] , d e is the shell's hydraulic diameter and l b is the distance between baffles. An alternative equation which allows to compare the power input from the pressure change device ( ) -seawater pump and air's fan -and its physical and performance characteristics was given by:
In the previous equation the change in pressure (ΔP S ) at the seawater pump is set to 100 kPa -to overcome the head losses from bringing the seawater from the waterline to where the condenser unit is located on board -plus the coolant pressure losses inside the condenser unit (ΔP i ). The seawater pump efficiency ( ) was assumed to be 80% as with the working fluid pump. The cross-sectional area (A cs ) for a shell and tube heat exchanger where the coolant flows was given by:
Where N t is the total number of tubes. The condenser unit's volume (V) in a shell and tube heat exchanger was determined by:
( A.10 )
The condenser unit design was constrained to a maximum volume similar to a TEU shipping container (i.e. 38.5 m 3 ) which was considered to be enough space for the heat exchanger on board and with a minimal impact on the cargo capacity.
A.2 FINNED TUBE HEAT EXCHANGER
Starting from the desuperheating section of the condenser unit, the convective heat transfer coefficient inside the tubes (h* ds,i ) was found using Equation ( A.5 ), while the heat transfer coefficient on the outside (h* ds,o ) was given by: Where κ S is the air's thermal conductivity and Re was measured for the outside of the finned tubes.
For the condensing section, h* co,o was calculated using Equation ( A.11 ) and for h* co,i the following equation was used [86] : The pressure drop on the air side (ΔP o ) was found with:
( A.14 )
Where v os is the air's speed through the smallest cross-section of the tube bundle, ρ S is the air's density, N tr is number of tube rows, and F f,o is the friction factor on the air side found using the Robinson and Briggs correlation for staggered tube bundles [87] . For the pressure drop inside the tubes (ΔP i ) -for the working fluid -the correlations from Gnielinski [72] and Müller-Steinhagen and Heck [75] were employed. The fan power can be determined by using Equation ( A.8 )), but in the case of the fan a constant of 60% was used as suggested by Walraven et al. [88] . As seen in the work of Habl et al. [28] it can be expected that the air condenser unit's will impact considerably ∆ the fan power input. Hence, was minimised using a single variable optimisation available in ∆ Matlab® with the aim of reducing [89] . The search space was between the atmospheric pressure and 106 kPa which ensure that the fan was capable of overcoming pressure losses and moving the air through the condenser unit.
The cross-sectional area of the air condenser (A cs ) as seen in Figure A .2 was found as follows:
Where l t is the length of the tube, p t is the tube's pitch and N tpr are the number of tubes per row. In the case of the air condenser unit the volume was computed as follows: .16 ) Where N tr represents the number of tube rows which for this paper was fixed to five. The maximum volume allowed also for this design was 38.5 m 3 .
